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CFD simulation has become a powerful and popular tool for the thermal hydraulic design and analysis of
heat exchangers. However, the computation load is usually too heavy to simulate a whole shell-and-tube
heat exchanger (STHX) applying the traditional modeling method. In the present study, a numerical
model based on the concepts of porosity and permeability is developed to obtain the shell-side thermal
hydraulic performances. In this model, the distributed resistances and heat sources, as well as the distrib-
uted turbulence kinetic energy and its dissipation rate are introduced to account for the impacts of tubes
on the fluid. The numerical model is solved over Re = 6813–22,326 for the shell side of a STHX with flower
baffles, and reasonable accuracy is demonstrated by the comparison with test data (maximum relative
deviation within 15%). With this model, the velocity and temperature fields, together with the distribu-
tion of convective heat transfer coefficient, are obtained and presented to help analyzing the underlying
mechanism of shell-side thermal augmentation. The present work shows that this model is economic and
effective in the thermal hydraulic design and analysis of a whole device.

� 2012 Elsevier Ltd. All rights reserved.
1. Introduction

Shell-and-tube heat exchangers (STHXs) are widely applied in
various industrial fields such as petroleum refining, power genera-
tion and chemical process, etc. Tremendous efforts have been
made to improve the performances on the tube side [1–5]. For
the shell side, the velocity and temperature fields are relatively
complicated and the thermal hydraulic performance depends on
the baffle elements to a great extent. In the traditional shell-and-
tube heat exchangers with segmental baffles (SG-STHXs), round
plates with cut are always used for the support of tubes [6–10].
Those baffles can also intensify the fluid flow which leads to heat
transfer enhancement on the shell side. However, the flow resis-
tance and harmful vibration level are large. Besides, the large-scale
‘‘dead’’ flow regions at the corners decrease the effective heat
transfer area and facilitate the fouling on tubes. To solve these
problems, various new types of baffles have been developed [11].
To give some examples, orifice baffles were designed to reduce
the ‘‘dead’’ flow region and for heat transfer enhancement [12].
Rod baffles was originally developed to decrease the vibration le-
vel, which also showed good thermal hydraulic performances
[13,14]. Helical baffles were proposed as the support of tubes
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and demonstrated good thermal hydraulic performance, low vibra-
tion level and less fouling as well [15,16]. In addition, ring support
[17] and twisted self-supported tube [11] were also proposed and
investigated.

Experimental test is a common method to investigate the ther-
mal hydraulic performance on the shell side of heat-exchangers.
However, experiments are relatively expensive and time-consum-
ing. In addition, flow visualization on the shell side is also hard to
deal with. Nowadays, the numerical method has become an eco-
nomic alternative for the researches of STHXs, through which the
detailed flow pattern and temperature field could be obtained with
much less difficulties. Nevertheless, the computation load is al-
ways too heavy to model the whole device for desired information
with reasonable accuracy. For this reason, a simplified model based
on volumetric porosity and surface permeability was proposed and
developed to model the shell-side flow and heat transfer [18–25].
With this method, the computation load decreases substantially
while remaining a relatively high accuracy.

As mentioned above, STHXs with helical baffles have demon-
strated a good overall performance on the shell side [26–28]. How-
ever, continuous helical baffles are difficult to manufacture, which
hinders their wide applications. In order to induce spiral flow on
the shell side while facilitate the manufacture, the STHX with flower
baffles (FB-STHX) was designed in our group [29], in which round
plates with two quadrants hollow were installed alternately in the
shell as the support for tubes. And experimental investigations
showed that this heat exchanger had a good thermal hydraulic
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Nomenclature

A heat transfer area, m2

cp specific heat of constant pressure, J/(kg K)

di inner diameter of tubes, m
do outer diameter of tubes, m
D inner diameter of shell, m
de shell-side characteristic dimension, m
f friction factor
fS surface permeability
fV volumetric porosity
h convective heat transfer coefficient, W/(m2 K)
k coefficient, W/(m2 K)
K overall heat transfer coefficient, W/(m2 K)
L tube length, m
n tube number
m mass flow rate, kg/s
p static pressure, Pa
Dp static pressure loss, Pa
Pr Prandtl number
Q heat flux, W
Re Reynolds number
t time, s

T static temperature, K
DT temperature difference, K
u velocity, m/s
x coordinate axis, m
q density, kg/m3

l dynamic viscosity, N s/m2

e turbulent kinetic energy dissipation rate, m2/s3

k thermal conductivity, W/(m K)
a geometry angle of baffle, �
X specific surface area, m2/m3

Subscripts
ex exit
i, j tensor
in inlet
l laminar
m the mean value
s shell-side
t tube-side; turbulent
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performance. In the present study, we are to develop a numerical
model based on the concepts of porosity and permeability to obtain
shell-side thermal hydraulic performances for the FB-STHX, and de-
tailed flow and temperature fields will also be shown to help analyz-
ing the underlying mechanisms. The numerical model will be
validated with experimental data presented in [29,30].

2. Numerical model

A FB-STHX is of large dimension and complicated structure,
thus the computation load is too large to obtain the flow and tem-
perature fields on the shell side with traditional CFD modeling
method, where the details of tube bundles need to be modeled
and computed. For the sake of simplification, we borrow the con-
cepts of volumetric porosity and surface permeability from porous
media in the present work. The impacts of tubes on heat transfer
and fluid flow on the shell side are considered by introducing a dis-
tributed heat source and a distributed flow resistance, which are
determined by some correlations obtained through experiments.
By doing this, the spaces occupied by tubes and the shell-side fluid
could be meshed in the same grid system, which leads to substan-
tial reduction in the cell number and computation load.

2.1. Governing equations on the shell side

In the present work, we are to compute the fluid flow and heat
transfer on the shell side of the FB-STHX used in our previous
experimental investigation [29], with the Re number ranging from
6813 to 22,326. The following assumptions were made for the der-
ivation of governing equations:

(1) The working fluid on the shell side is continuous, incom-
pressible, isotropic and Newtonian.

(2) Both the volumetric porosity and surface permeability are
uniform in the tube-fluid mixed region; however, the
impacts of tubes on fluid are non-uniform in different direc-
tions, which are reflected by the distributed resistances and
heat source.

(3) The effect of gravity is negligible, and the viscous heating or
thermal radiation is ignored.
Based on the above assumptions, the conservation equations of
continuity, momentum and energy are presented below in a tensor
form in the Cartesian coordinate system [19,20,23].

Continuity equation:

@ðqfV Þ
@t

þ @ðqfSujÞ
@xj

¼ 0 ð1Þ

Momentum equation:

@ðqfV uiÞ
@t

þ @ðqfSuiujÞ
@xj

¼� fS
@pi

@xi
þ @

@xj
fSleff

@ui

@xj
þ @uj

@xi

� �� �

� fi
q
2
juijui ð2Þ

Energy equation:

@ðqcpfV TÞ
@t

þ @ðqcpTfSujÞ
@xj

¼ @

@xj
fSkeff

@T
@xj

� �� �
þXKðTt � TÞ ð3Þ

where all the parameters are for the shell-side fluid, except Tt that
stands for the fluid temperature on the tube side. The variable u
takes the formulation of physical velocity. The volumetric porosity,
fV, refers to the fraction of the void volume occupied by the fluid in a
computation cell, while fS stands for the surface permeability which
equals to the fraction of the open projected flow area. X stands for
the specific surface area of tube wall in the tube-fluid mixed region.

2.1.1. Distributed resistance on the shell side
The last term on the right hand side in Eq. (2), i.e., �fi

q
2 juijui, is

the distributed flow resistance which accounts for the influence of
tubes on the shell-side fluid flow, and is calculated through some
empirical correlations. In this study, Eqs. (4) and (5) are adopted
to calculate the cross-flow resistance factor in the staggered and
non-staggered tube bundles, respectively [31], where the Re num-
ber is based on the cross-flow velocity component at the minimum
flow area and the outer diameter of tubes acting as the character-
istic dimension.

For staggered tube bundles:

fi ¼ 4 0:23þ 0:11

ðvj � 1Þ1:08

" #
� Re�0:15

i � fSSj

Sj � do

� �2

ð4Þ
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For non-staggered (in-line) tube bundles:

fi ¼ 4 0:044þ 0:08vi

ðvj � 1Þ0:43þ1:13=vi

" #
� Re�0:15

i � fSSj

Sj � do

� �2

ð5Þ

where f and fS are respectively the resistance factor and surface per-
meability, subscripts i and j stand for the two orthogonal directions
normal to the axis of tubes, S refers to the tube pitch, and vi is the
ratio between tube pitch and outer diameter of tubes, i.e., vi = Si/do.

The distributed resistance of axial flow is derived from [19, Eq.
(6)], in which subscript x is used for the direction of tube axis, and
dx is the characteristic dimension.

fx ¼

31
Rex
� 4f S

dx
; Rex < 2250

0:131Re�0:294
x � 4f S

dx
; 2250 6 Rex < 25;000

0:066Re�0:227
x � 4f S

dx
; Rex P 25;000

8>><
>>: ð6Þ
2.1.2. Distributed heat source on the shell side
The distributed heat source, bK(Tt � T) in Eq. (3), is used for the

heat transfer through tube walls. The parameter K stands for the
local overall heat transfer coefficient based on outer wall of tubes.
As for a newly built heat exchanger, K is related to the local convec-
tive heat transfer coefficients of shell side (hs) and tube side (ht), to-
gether with the heat conduction resistance of tube wall, as shown
in Eq. (7).

K ¼ 1
1
hs
þ do

ht di
þ do

2kw
ln do

di

ð7Þ

where kw is the heat conductivity of tube walls. For the case where
the flow is turbulent and fully developed on the tube side, the value
of ht can be derived from the well-known Dittus–Boelter correlation
[32], as shown in Eq. (8).

ht ¼0:023Re0:8
t Prn

t
kt

di
; 10;000 6 Ret 6 250; 000 &

0:7 6 Prt 6 120 ð8Þ

where n = 0.4 when fluid is heated, otherwise n = 0.3.
The heat transfer of the cross flow on the shell side is relatively

complicated, which depends on the tube arrangement and cross-
flow Re number. In the present study, the empirical correlations
of Zukauskas [21,33] are adopted to calculate the local convective
heat transfer coefficient of staggered and non-staggered tube bun-
dles on the shell side, as shown in Eqs. (9) and (10), respectively.

For staggered tube bundles:

hs ¼

0:71Re0:5Pr0:36 � k
do

; 40< Re< 1000

0:35Re0:6Pr0:36 St
Sl

� �0:2
� k

do
; 10006 Re< 200;000 & St

Sl
6 2:0

0:4Re0:6Pr0:36 St
Sl

� �0:2
� k

do
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Sl
> 2:0

8>>>><
>>>>:

ð9Þ

For non-staggered (in-line) tube bundles:

hs ¼
0:52Re0:4Pr0:36 � k

do
; 100 < Re 6 1000

0:27Re0:63Pr0:36 � k
do

; 1000 < Re 6 200; 000

(
ð10Þ

where St and Sl are respectively the transverse and longitudinal tube
distances, while the Re number is based on the cross-flow velocity
at the minimum flow area and the outside diameter of tubes.

The effective dynamic viscosity, leff, of the momentum equation
(Eq. (2)) equals to the sum of the laminar and turbulent dynamic
viscosity, i.e., leff = ll + lt, and the RNG k–e turbulence model is
adopted for the computation of the turbulent dynamic viscosity.
Similar to leff, the effective thermal conductivity is the sum of
the laminar and turbulent thermal conductivity, i.e., keff = kl + kt,
and the turbulent one is related to the turbulence viscosity, i.e.,
kt = ltcp/Prt, where Prt is the turbulence Prandtl number. The con-
servation equations of k and e are listed below.

For turbulent kinetic energy k:
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@xj
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For turbulent kinetic energy dissipation rate e:
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. The constants for the RNG k–e turbulence

model are set as below:

Cl ¼ 0:0845; ak ¼ ae ¼ 1:39; C1e ¼ 1:42; C2e ¼ 1:68;

g0 ¼ 4:377; b ¼ 0:012:

Here, Gt,k stands for the additional generation term of turbulence ki-
netic energy induced by tubes. With the assumption that all the
work done by the shell-side fluid is transformed into the turbulent
kinetic energy at large speeds, the additional generation term can
be expressed by the dot product of distributed resistance vector
and velocity vector on the shell side [20,23], as shown in Eq. (13).

Gt;k ¼ fi
1
2
quijuij � ui ¼

X
i

fi
1
2
qjuij3 ð13Þ

Gt,e represents the additional generation term of turbulent ki-
netic energy dissipation rate induced by tubes, which is calculated
through Eq. (14).

Gt;e ¼
1:92e

k
Gt;k ¼

1:92e
k

X
i

fi
1
2
qjuij3 ð14Þ
2.2. Governing equation on the tube side

Since the fluid flows in the axial direction on the tube side and
heat conduction is negligible, the flow and heat transfer of the tube
side is simplified into a stable one-dimensional problem. In order
that the tube-side conservation equation could be consistent with
those of the shell side, Eq. (15) is presented as the energy conser-
vation on the tube side.

qtcp;tutfS;t
dTt

dx
¼ �bKðTt � TsÞ ð15Þ

where ut is the physical velocity of fluid on the tube side, while fS,t

stands for the surface permeability of tube-side fluid.
3. Numerical computation and experimental validation

3.1. Geometry of the heat exchanger with flower baffles

Fig. 1 schematically illustrates the configuration of the heat ex-
changer with flower-baffles for the present simulation. The dimen-
sions and other parameters, such as the Re numbers, are identical
to those used in our previous experimental investigation [29]. It
contains 24 tubes with an outer diameter of 16 mm, arranged in
non-staggered form with a pitch of 20 mm. Eight pieces of flower
baffles (a = 90�) are installed alternately on the shell side with a
spacing of 170 mm. The heat exchanger has double tube passes.
Warm fresh water acts as the working fluid on the tube side, while
cool fresh water is used for the shell side. The detailed structural
parameters are listed in Table 1.



Fig. 2. Computation domain and coordinate system of the heat exchanger with
flower baffles (a), and meshes of computation domain (b).

Fig. 1. Configuration of the heat exchanger with flower baffles (a), and sketch of the flower baffle (b).

Table 1
Structural parameters of the FB-STHX.

Tube material: stainless steel Tube-side fluid: warm water
Tube-side pass number: 2 Tube arrangement: non-staggered
Tube number: 24 Tube effective length: 1473 mm
Tube pitch: 20 mm Tube type: smooth
Tube inner diameter: 14.4 mm Tube outer diameter: 16 mm

Shell inner diameter: 149 mm Shell-side fluid: cool water
Baffle number: 8 Baffle arrangement: staggered
Baffle spacing: 170 mm Baffle geometry angle: 90�
Shell-baffle gap: 2 mm Baffle thickness: 4 mm

Pull rod number: 4 Pull rod diameter: 12 mm
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3.2. Computation scheme

The whole volume involved in the shell, together with the inlet
and outlet tubes, is taken as the computation domain, whose geo-
metrical model is divided into two regions. One is the core region
with tubes and the other includes the inlet and outlet tubes and
the narrow region between the outermost tubes and the shell wall.
The effects of leakages resulting from the gaps between the baffles
and the shell wall are considered in the geometrical modeling and
numerical computation. However, since the clearances between
tubes and baffles are very small, their effects are expected to be
negligible. Thus, we did not consider these leakage effects in the
computation.

The popular CFD preprocessor, Gambit, is utilized for geometri-
cal modeling and meshing. The geometrical model and grid system
with hexahedral cells are shown in Fig. 2(a) and (b), respectively.
The thickness of flower baffles is neglected.

Boundary conditions are set as follows: (1) No slip and no pen-
etration are specified for all walls. (2) Zero heat flux is set upon the
shell wall for the thermal boundary because the shell wall is ther-
mally insulated in our experiment. (3) At the inlet of the shell side,
a velocity profile of fully-developed turbulent flow is given, while
the fluid temperature is set as uniform. (4) At the outlet of the shell
side, a pressure-outlet condition is imposed.

In the core region where tubes are arranged, the volumetric
porosity is set as the local volume ratio occupied by the shell-side
fluid, while the impacts of tubes on the conservation equations of
momentum, energy, turbulence kinetic energy and its dissipation
rate are treated by introducing the corresponding source terms
with six user defined functions (UDFs). As for the outer region
without tubes, the volumetric porosity is set as unity and no source
term is added.

Since the fluid temperature variation on the tube side was not
so large in our experiment [29], the energy equation of tube side
is not solved in the present computation. For simplicity, the
lumped parameter, i.e., the averaged value of the inlet and outlet
of the tube side, is adopted to calculate the local distributed heat
source for the shell side. The shell-side fluid takes the formulation
of apparent velocity, and the fluid physical properties depend on
the temperature in the current computation.

The commercial CFD software, Fluent, is applied to undertake
the task of numerical computation. The three-dimension, double-
precision, pressure-based solver is adopted. The conservation
equations accompanied by boundary conditions are discretized
with finite volume formulation. The momentum and energy terms
are treated with the second-order upwind scheme. The coupling
between the pressure and velocity are realized through the ‘SIM-
PLE’ algorithm. The convergence criteria are set as: relative resid-
ual of 1E-8 for energy while 1E-5 for continuity and others.
Three sets of grids (80,000, 150,000 and 320,000) are tried for
the case of Re = 7001. It is found the relative difference between
the mean convective heat transfer coefficient and total pressure
drop of the latter two are less than 5%. Thus, the grid system of
150,000 is adopted for the final computation.
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3.3. Data reduction

The mean heat transfer coefficient, Km, is determined by Eq.
(16).

Km ¼
Q

A � DTm
ð16Þ

where Q is the whole heat flux through tube walls which equals to
the enthalpy difference between the inlet and outlet of the shell
side, i.e., Q = cp,sms(Ts,ex � Ts,in). A refers to the total heat transfer area
based on the outer diameter of tubes, i.e., A = npdoL.

Eq. (17) is used for the computation of the mean temperature
difference [29].

DTm ¼
ðTs;ex � Ts;inÞ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
R2 þ 1

p
ln 2�Pð1þR�

ffiffiffiffiffiffiffiffi
R2þ1
p

Þ

2�Pð1þRþ
ffiffiffiffiffiffiffiffi
R2þ1
p

Þ

ð17Þ

where R ¼ Tt;in�Tt;ex

Ts;ex�Ts;in
; and P ¼ Ts;ex�Ts;in

Tt;in�Ts;in
.

Fig. 3. Comparisons of the mean heat transfer coefficient Km, mean convective heat tra
index hs,m/Dp on the shell side between CFD results and test data for the heat exchange
With some operations performed on the Eq. (7), we obtain Eq.
(18), through which the mean shell-side convective heat transfer
coefficient could be calculated.

hs;m ¼
1

1
Km
� do

di

1
ht;m
� do

2kw
ln do

di

ð18Þ

where ht,m is the mean tube-side convective heat transfer coeffi-
cient, calculated with Eq. (8).

The shell-side characteristic dimension de and Reynolds number
Res of the FB-STHX are defined through Eqs. (19) and (20),
respectively.

de ¼
D2 � nd2

o � npd2
p

Dþ ndo þ npdp
ð19Þ

Res ¼
quede

l
ð20Þ

where np and dp are respectively the number and diameter of pull
rod, while ue refers to the axial velocity at the breaches of flower
baffles on the shell side.
nsfer coefficient hs,m and total pressure loss Dp, as well as the overall performance
r with flower baffles, where tube-side fluid velocity is 1.2 m/s.



Fig. 4. Comparisons of the mean heat transfer coefficient Km, mean convective heat transfer coefficient hs,m and total pressure loss Dp, as well as the overall performance
index hs,m/Dp on the shell side between CFD results and test data for the heat exchanger with flower baffles, where tube-side fluid velocity is 0.7 m/s.
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3.4. Computation results and experimental validation

In the current work, the computations were performed under
the same conditions as the experiment [29], and comparisons of
the lump parameters such as mean heat transfer coefficient and to-
tal pressure drop with those of experimental data were conducted
for the validation of the simplified model. The calculated mean
shell-side heat transfer coefficient hs,m, total pressure drop Dp,
and the ratio hs,m/Dp are presented in Figs. 3 and 4 for the cases
with tube-side velocities of 1.2 and 0.7 m/s, respectively, in which
the experimental data are also given for validation of the numerical
model.

From Figs. 3 and 4 it is clearly seen that the mean heat transfer
coefficient Km, and convective heat transfer coefficient hs,m increase
with the increase of the Reynolds number. The flow resistance Dp
shows a similar variation tendency to those of Km and hs,m. How-
ever, the overall thermal hydraulic performance index, or the ratio
hs,m/Dp, exhibits a contrary behavior, i.e., it decreases with the in-
crease of the Reynolds number. This is because the flow resistance
Dp increases more rapidly than the mean convective heat transfer
coefficient hs,m. For more details, we take the case with a tube
velocity of 1.2 m/s as an example. When the Re is raised from
7001 to 22,326, the mean convective heat transfer coefficient hs,m

increases by about 2.5 times, while the pressure drop Dp increases
by 6 times.

Comparing the numerical results with the experimental data, it
is also noted that their variation tendencies are qualitatively con-
sistent. To be more exactly, when the tube velocity is 1.2 m/s, the
average relative deviations of Km, hs,m, Dp, and hs,m/Dp between
the numerical results and test data are less than 3%, 8%, 14%, and
10%, respectively. In the case with a tube velocity of 0.7 m/s, the
corresponding deviations of Km, hs,m, Dp, and hs,m/Dp are 3%, 6%,
14%, and 10%, respectively. These demonstrate that the numerical
model has reasonable accuracy on the prediction of heat transfer
rate and flow resistance.

To further confirm the present model, we conducted a compu-
tation of the heat exchanger with five segmental baffles of �30%
cut used at Argonne National Lab, whose shell diameter and length
are respectively 0.59 and 3.58 m [30]. The calculated pressure pro-
file was compared with those of experiment, as shown in Fig. 5. It
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can be seen from Fig. 5 that the present numerical result agrees
well with the experimental data.
4. Thermal augmentation analysis

From the numerical results and experimental data it is seen that
the flower baffles can effectively enhance the heat transfer rate on
the shell side. To help analyzing the underlying mechanism of the
thermal augmentation, we take the case of Re = 7001 as an exam-
ple to make a comparison between the heat exchangers without
and with flower baffles. The velocity and temperature fields,
together with the distributions of convective heat transfer coeffi-
cient on the shell side of the two heat exchangers, are presented
in Figs. 6–11, respectively, in which the shell-side and tube-side
flow rates of the heat exchanger without baffles are identical to
those with baffles.

Fig. 6(a) and (b) depicts the contours of velocity magnitude in
the longitudinal and horizontal sections of the heat exchanger
without baffles. It is clearly seen from the figure that, for the case
without baffles, the direction of the bulk flow is along the tubes
axis in the central part on the shell side, and the velocity is rela-
tively uniform. Therefore, the convective heat transfer coefficient
Fig. 5. Comparison of the non-dimensional pressure drops obtained by the present
model with test data [30].

Fig. 6. Contours of shell-side velocity magnitude in the longitudinal and horizontal
sections for the heat exchanger without baffles at the flow rate which is identical to
that of FB-STHX at Re = 7001. (a) Y = 0 and (b) Z = 0.
on the shell side is relatively smaller, which can be seen from
Fig. 7. As a result, the shell-side fluid is heated relatively slowly
and the temperature at the outlet is low, as shown in Fig. 8.

The contours of velocity magnitude in the longitudinal and hor-
izontal sections of the FB-STHX are presented in Fig. 9(a) and (b),
respectively. Compared with the case of no baffles (see Fig. 6), it
is seen that the velocity field of the FB-STHX becomes relatively
complicated with the installation of flower baffles. To be more ex-
Fig. 8. Contours of shell-side fluid temperature in the longitudinal and horizontal
sections for the heat exchanger without baffles at the flow rate which is identical to
that of FB-STHX at Re = 7001. (a) Y = 0 and (b) Z = 0.

Fig. 7. Contours of shell-side convective heat transfer coefficient in the longitudinal
and horizontal sections for the heat exchanger without baffles at the flow rate
which is identical to that of FB-STHX at Re = 7001. (a) Y = 0 and (b) Z = 0.

Fig. 9. Contours of shell-side velocity magnitude in the longitudinal and horizontal
sections for the heat exchanger with flower baffles at Re = 7001. (a) Y = 0 and (b)
Z = 0.



Fig. 11. Contours of shell-side fluid temperature in the longitudinal and horizontal
sections for the heat exchanger with flower baffles at Re = 7001. (a) Y = 0 and (b)
Z = 0.

Fig. 10. Contours of shell-side convective heat transfer coefficient in the longitu-
dinal and horizontal sections for the heat exchanger with flower baffles at
Re = 7001. (a) Y = 0 and (b) Z = 0.

Fig. 12. Contours of shell-side fluid velocity magnitude, convective heat transfer
coefficient and temperature in the symmetrical section for the heat exchanger with
segmental baffles at the flow rate which is identical to that of FB-STHX at Re = 7001.
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actly, the fluid velocity magnitude on the shell side changes peri-
odically in the central part of the FB-STHX. In more details, when
the fluid passes a baffle, it is firstly accelerated rapidly and then
flows across the breaches with large velocity. After rushing out of
the breaches, the fluid is expanded suddenly and the velocity is de-
creased gradually. This periodic flow pattern is caused by the peri-
odic changes of flow area which is induced by arrangement of
flower baffles. Moreover, it is also seen in Fig. 9 that in the down-
stream just behind a baffle, two recirculation flow regions are gen-
erated, where the velocity magnitude is very small.

Fig. 10 presents the distribution of the local convective heat
transfer coefficient on the shell side for the FB-STHX. Compared
with the contours of velocity field (see Fig. 9), the convective heat
transfer coefficient also changes periodically in the central part of
the FB-STHX, and its pattern is similar to that of flow field. To be
more exactly, it can be seen from Figs. 9 and 10 that where the
fluid velocity magnitude is higher, the heat transfer rate is larger.
In more details, in the downstream of the breaches, where the fluid
washes the tubes with large velocity, the convective heat transfer
coefficient is also large. While in the downstream just behind the
baffle, where two recirculation flow regions with low velocity are
generated, the convective heat transfer coefficient is small as well.
At other places, both the velocity magnitude and convective heat
transfer coefficient are moderate. The mean heat transfer rate of
the shell side depends on the compromise of the above three
aspects. As for the investigated cases, the region with large
convective heat transfer coefficient is broad, while the impact of
the recirculation flow regions is limited. Therefore, the mean
shell-side heat transfer rate is effectively enhanced by the flower
baffles.

The variation of fluid temperature depends strongly on the con-
vective heat transfer coefficient. In other words, the larger the con-
vective heat transfer coefficient, the larger variation the fluid
temperature has. Fig. 11(a) and (b) depicts the fluid temperature
fields in the longitudinal and horizontal sections of the FB-STHX.
Compared with the case of no baffle (see Fig. 8), It is clearly ob-
served that the fluid temperature of FB-STHX changes far more
quickly along the flow direction, and the outlet temperature is
much higher under the same inlet condition, which confirms that
the mean convective heat transfer rate on the shell side is effec-
tively enhanced by the flower baffles.

The shell-and-tube heat exchanger with nine segmental baffles
of �16% cut [29], was also computed with the above-mentioned
method at about the same shell- and tube-side flow rate as the
FB-STHX. Dimensions of the shell and tubes of the SG-STHX are
identical to those of the FB-STHX. The calculated shell-side fluid
velocity, convective heat transfer coefficient and fluid temperature
of the SG-STHX are depicted in Fig. 12(a)–(c), respectively. Similar to
those of FB-STHX, the velocity magnitude and local convective heat
transfer coefficient vary periodically on the central part of the shell
side. Comparing the contours of velocity magnitude between FB-
STHX and SG-STHX (see Figs. 9 and 12(a)), it can be seen that they
have different flow patterns, i.e., the shell-side fluid of SG-STHX
flows in the Zigzag mode, while spiral flow is generated in the FB-
STHX. Moreover, in the SG-STHX, the fluid has relatively larger
velocity and recirculation region between two baffles is also larger.
Affected by the shell-side flow pattern, the shell-side convective
heat transfer coefficient and fluid temperature of the SG-STHX are
higher than the counterparts of FB-STHX, as shown in Figs. 10–
12(b)–(c). Meanwhile, the flow resistance of SG-STHX is larger than
that of FB-STHX. Consequently, the overall shell-side performance
index, hs,m/Dp, of the FB-STHX (483 W/(m2 K kPa)) is larger than
that of SG-STHX (395 W/(m2 K kPa)). This demonstrates that the
FB-STHX has a better thermal hydraulic performance than the SG-
STHX, which is also consistent with the experimental results [29].
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5. Conclusions

In the present study, a numerical model based on the concepts
of porosity and permeability was developed for the shell-side flow
and heat transfer of shell-and-tube heat exchangers (STHXs), in
which the distributed resistance and heat source, as well as the dis-
tributed turbulence kinetic energy and its dissipation rate were
introduced to account for the impacts of tubes on fluid. The numer-
ical model is solved at shell-side Reynolds numbers ranging from
6813 to 22,326 for a STHX with flower baffles, and reasonable
accuracy is demonstrated by the comparison with test data. The
contours of the velocity and temperature fields, together with
the distribution of convective heat transfer coefficient on the shell
side, were obtained for the heat exchangers with and without flow-
er baffles. The underlying mechanism of shell-side thermal aug-
mentation was analyzed based on the comparisons between
these distributions of the two heat exchangers. It is clearly seen
that with the installation of flower baffles, the fluid velocity mag-
nitude and convective heat transfer coefficient vary in a periodical
way in the central part of the FB-STHX, and three regions with
small, moderate or large convective heat transfer coefficients are
generated after the flower baffles. The overall heat transfer
enhancement on the shell side depends on their compromise. As
for the investigated FB-STHX, the heat transfer rate is effectively
enhanced on the shell side. Moreover, a comparison of contours be-
tween FB-STHX and SG-STHX was performed. It is found that they
have different flow patterns, and the FB-STHX has a better overall
thermal hydraulic performance than the SG-STHX.

In summary, the present numerical model is a powerful tool to
predict the thermal hydraulic performances of the shell-and-tube
heat exchanger with relatively low computation cost. Moreover,
it can also provide details of the flow and temperature fields
which help to analyze the underlying mechanism of thermal
augmentation.
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